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High speed railways have become a very convenient and
effective means of transportation for medium range dis-
tances. However, its noise and vibration give a great deal
of annoyance to the residents along the tracks. Recently,
not only the noise by the high speed railways but also the
noise by the conventional railways has become a social
problem. The noise reduction is regarded to be of prime
importance, and many studies on this problem have been
carried out so far. However, except noise insulation
walls, no effective practical measures for the noise reduc-
tion has been found yet.
The noise from railways was measured by many research-
ers , and it was found that the noise is generated
predominantly by the vibration of the wheels and the
rails. When a train is traversing on tight curves, trans-
verse vibration of the wheels is stimulated, and it pro-
duces an intense noise
7,8)
The vibration of the wheel has been investigated expe-
9-11)
rimentally and theoretically by many researchers
Their theoretical analyses are based on the assumption that
the wheels are thin circular plates or rings.- However, the
effects of the shear deformation and the rotatory inertia
on the vibration of the wheel have to be taken into consi-
deration, because wheel's thickness is considerably large
compared with its diameter.
, , . 12,13) ･･,.≪. u n 14,15)Damped wheels and resilient wheels have
been investigated experimentally. They can reduce the
noise level by several decibels. However, no theoretical
analysis of their vibration has been reported so far. The
1
resilient wheel is hardly used in practice because of its
mechanical strength and cost.
The purpose of the present work is to perform the
precise theoretical analysis of the wheels and to construct
the low noise wheels, such as spoke wheels and damped wheel.
In chapter 2 , the general concept of the vibration
and noise caused by the Shinkansen is discussed . The
author measured the noise and the vibration of ground and
houses at two sites along the Shinkansen. Furthermore,
human response to the vibration and the noise was investi-
gated by questionnaires distributed among two thousand
residents along the tracks. On the basis of the measure-
ments and the questionnaires, the outline of the practical
vibration and the noise is manifested.
In chapter 3, the theoretical analysis of the trans-
19 20)
verse vibration of the wheel is discussed ' . First, we
deal with a thin wheel. Since the wheel contacts with the
rail, in the analysis, the wheel is assumed to be simply
supported at one point on its periphery. Second, the web
wheel which is composed of a hub, a web, and a rim is
dealt. The rim is considerably thick compared with its
diameter, so the effects of the shear deformation and
rotatory inertia are taken into consideration. The web
wheel is assumed to be a circular plate with a stepped
thickness, and its vibration is analyzed theoretically by
21 22)making use of Mindlin theory ' . Furthermore, labora-
tory experiments using model wheels are carried out in
order to confirm the result of theoretical analysis.
In chapter 4≫ "the relations among the vibration, the
noise, the velocity, and the load are investigated by using
23)
a laboratory model . Curves of a track are simulated by
2
a contact angle between a guide wheel and the test wheel in
the experimental apparatus, and its effect on the vibration
and the noise are also investigated.
In chapter 5", the relation between the vibration and
23)the noise is studied . An acoustic radiation coefficient
is defined by the ratio of an acoustic power and a mecha-
nical power of the vibrating wheel. The acoustic radiation
coefficients of the vibration of normal modes are calcu-
lated. The characteristics of the wheel's sound radiation
are discussed by means of this coefficient.
In chapter £, the coupled vibration of the web wheel
24)
and a rail is studied . In this study, the emphasis is
placed on the vibration of the wheel. Therefore for the
sake of simplification, the rail is simulated by a beam
with free ends, and the wheel and the rail are assumed to
be connected by a spring. With these assumptions, the cou-
pled vibration is investigated theoretically and experimen-
tally.
In chapter y, the spoke wheel is investigated
25)
The spoke wheel is expected to radiate less noise than the
conventional web wheel because of its small area of sound
radiation. The vibration of the spoke wheel is analyzed
with an assumption that the rim is elastically supported by
springs which simulate the spokes. Furthermore, the noise
by the spoke wheel is compared with that by the web wheel,
and its effect on the noise reduction is confirmed experi-
mentally.
In chapter £, the vibration of a damped wheel is
investigated . A vibration absorber which is composed of
a thin annular steal plate and a rubber, is attached to the
main web wheel. The relation between the vibration level
3
and the structure of the absorber is investigated theoreti-
cally and experimentally. Also, the noise reduction by the
absorber is investigated by making use of several models of
the damped wheel.
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CHAPTER 2 GENERAL CONCEPTS OF VIBRATION AND NOISE
GENERATED BY THE SHINKANSEN
2.1 Introduction
The Shinkansen opened a new era in railway service for
mass passenger transportation with high speed in 1964. It
has become a very convenient and effective means of trans-
portation for medium range distances. However, its vibra-
tion and noise have given a great deal of annoyance to the
residents along the tracks and have even become a social
problem. The problem has turned so serious that a case was
brought to court in Nagoya district. However, it is not
easy to find the general concepts of the noise and the
vibration, because they are influenced by many factors,
such as the structure of the tracks, the surface condition
of the rails, and the train speed. Concerning the noise
reduction, no effective measure has been found other than
a noise insulation wall.
The author measured the vibration and the noise caused
by the Shinkansen at two sites, Takatsuki-shi in Osaka
12 3)prefecture and Seta-cho in Shiga prefecture in 1974 ' '
Also, human response to the vibration and the noise was
investigated by questionnaires distributed among two thou-
sands residents along the tracks. In this chapter, the
outlines of the vibration and the noise by the Shinkansen
is discussed on the basis of the measurements and the ques-
tionnaires .
6
2.2 Sources of Vibration and Noise
In order to study the train noise, first of all, we
have to know their sources ' ' . Figure 2-1 shows an
example of spacial distribution of the noise generated by
7)the Shinkansen's train running on an elevated track . The
noise sources are the rolling devices (wheels and rails),
the driving devices (traction motors and gears), the auxil-
iary equipments (cooling fans, compressors and generators),
and power collection system (pantograph sliders and trolly
wires). Also, a high velocity car body is expected to
produce aerodynamic noise.
Among them, the most intense noise source is supposed
to be the rolling devices. The rolling noise is caused by
collisions and frictions of the wheels and rails. When the
rails have wave form wear or the wheels have tire flat.,
the noise of the high speed train increases by 20 dB. This
shows that the noise from the rolling devices is very
large. The other noise sources are negligible compared
with the rolling devices. For example, the trains with and
without the driving devices do not have significant differ-
ence in the generated noise levels. The auxiliary equip-
ments are the only noise sources at stop, but their contri-
butions become negligible during high speed running. There-
fore, when we try to reduce the train noise, the rolling
devices should be first taken into consideration. By many
studies, it is already known that when a train is on a
straight track, the rails are the major noise source; and
when a train is on a curve, the wheels are the major noise
source.
The vibration is also generated by the interactions of
7
rails and wheels. Then, the vibration is transmitted to
the ground through ties and bed of the track.
2.3 Vibration
Among the factors which are the sources of disturbance
to people living along railways are train―induced noise and
vibration of buildings. Both noise and vibration may be
directly experienced as unpleasant sensations, and vib-
ration can further disturb people because of fears of da-
mage to the building fabric.
Building vibration induced by train is caused by gro-
und vibration originating from the interaction of wheels
and rails. There are the ties, the bed, and the ground in
the vibration propagation path between the rails and build-
ings. Those factors have a large effect on the characte-
ristics of the vibration. In this section, in order to
know the outlines of the vibration, some general characte-
ristics of the vibration caused by the Shinkansen are brief-
ly discussed from the measured data at Takatsuki and Seta.
The ground vibration has three directions; vertical to
the ground, parallel and perpendicular to the track. Just
below an elevated track, the vertical vibration is greater
than the others, but at far places, all the vibrations have
almost the same amplitudes.
Figure 2-2 shows the relation between the vertical
vibration velocity and the distance from the track. The
data exhibit considerable scatter, but by making use of the
least square method, this relation is represented as
v = 0.17 L-°-6
8
(2-1)
where, v is the vibration velocity (cm/sec) and L is the
distance (m).
Concerning the other characteristics, measured data
have a large amount of scatter. However, the following
tendencies can be observed.
i ) The vibration spectrum has two peaks at 2-3 Hz and
40-60 Hz. The vibration at the lower peak frequency-
decreases when the distance increases.
ii) A track elevated by concrete posts has larger vibration
than that on an embankment. This is due to the high
damping factor of the soil of the embankment.
iii) The vibration is considerably reduced by a river which
lies across the propagation path.
iv) In a wooden house, the indoor vibration is greater than
the ground vibration. Also, the vibration of the se-
cond floor is greater than that of the first floor.
This is due to the resonance of the building.
v ) In a ferro-concrete building, the vibration of the
first floor is as large as that of the ground. The
vibration in the building increases with the floor
level.
2.4 Noise
Figure 2-3 shows an example of the relation between
the noise level (A scale) and the distance from the track
with and without the noise insulation wall. As seen in
this figure, the insulation wall reduces the noise from the
train on the near side track but does not reduce the noise
from the far side track. The noise at places more than 30
meters away from the track is not reduced by the insulation
9
wall. Figure 2-4 shows the frequency spectra of sound
pressure. The components of the sound pressure are lower
than several thousands Hz, and there is no sharp peak.
However, when a train is traversing on curves, the noise has
peaks at the natural frequencies of the transverse vibra-
tion of the wheel. The noise in the lower frequency range
(below 500 Hz) is not reduced by the insulation wall as
seen in this figure. This frequency dependence is explain-
ed by sound wave diffraction, reflection, and the noise
generated by the vibration of the insulation wall.
Figure 2-5 shows the relationship between the noise
level and the train speed. The measurement was carried out
at a plane ground covered with grass. In this figure, the
straight lines show the approximate relation obtained by
the least squares method. Comparing the slopes of these
lines, we can see that at an area near the track, the noise
can not be decreased by reducing the train speed as much as
at an area far from the track. By decreasing the train
speed from 200 km/h to 133 km/h, the noise at the areas
100, 200, and 400 meters away from the track decreases by 2,
4, and 5 dB(A) , respectively. Therefore, at a near area
where the noise is large, it is impossible to have a
comfortable living condition, even if the train speed is
reduced.
There are two kinds of rail foundation, namely, the
stone ballast bed and the slab bed. The noise from the
track with the stone ballast bed is smaller than that with
the slab bed by about 6 dB. This is due to the high
damping factor of the stone ballast bed. New Tokaido Line
mainly uses the stone ballast bed, and about a half of new
Sanyo Line uses the slab bed. The new lines under construe-
10
tion will mainly use the slab bed for the sake of easy-
maintenance, but the stone ballast bed should be used from
the viewpoint of the noise reduction.
The indoor noise depends on the location and the
structure of the house. However, in general the indoor
noise is less than the outdoor noise by several dB(A) .
Also, when windows are closed, the noise is reduced by 10
to 15 dB(A).
2.5 Damages by Vibration and Noise
Effects of the vibration and noise on houses and
health of the residents were investigated by means of the
questionnaire.
The vibration makes furniture in the houses rattle,
and causes the failure of fitting, cracks in the wall, and
failure of the roof in a long time. Figure 2-6 shows the
relation between these damages and the distance. As shown
in this figure, the shorter the distance is, the higher the
ratio of the damage becomes. Wooden houses have about
twice as much damage as the ferro-concrete houses. As much
as 75 % of the houses within 10 meters of the track were
reported to have damages･
The residents who are influenced by the noise and the
vibration complained that they "feel noisy", or "are not
able to concentrate", or " have a headache". Figure 2-7
and 2-8 show the relations between the health damages and
the distance. As shown in Fig. 2-7, it is remarkable that
60 to 75 % of people who live close to the track suffer
from headache. Since women stay at home for a longer time
than men, they have a higher ratio of the complaint.
11
The complaint against the vibration is as much as that
against the noise. Usually we have been interested in the
noise more than the vibration. However, when we deal the
train-induced pollution, not only the noise but also the
vibraiton should be taken into consideration.
2.6 Conclusions
In this chapter, the practical vibration and noise by
the Shinkansen are briefly discussed. Residents along the
tracks have been suffering from both the noise and the
vibration. Considering the results of the investigation by
the questionnaire, we can conclude that the area within 100
meters from the tracks is not suitable for living.
Concerning the preventive measures for vibration and
noise, only the noise insulation wall is used in practice.
The insulation wall can reduce the noise at the areas very
close to the track by a few decibels (A), and we can not
expect the insulation wall to have enough effect on the
noise reduction.
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Fig. 2-1 Spacial distribution of the noise generated
by the Shinkansen train running on an
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Fig. 2-3 Relation between the noise
level and the distance from
the track.
Frequency Hz
















Fig. 2-5 Relation between the train speed
and the noise level; solid lines
represent the estimated relations













I I ―･ CM CN
O O I 1
―≪CM O O I―
inoo




Fig. 2-6 Relation between the damage of
houses by the vibration and the
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CHAPTER 3 VIBRATION OF A THIN WHEEL AND A WEB WHEEL
3.1 Introduction
The precise theoretical analysis of the wheel's trans-
1 2)verse vibration is studied in this chapter ' . In section
3.2, as the first step, a thin wheel is investigated. The
vibration of the thin wheel is analyzed by means of the
classical thin plate theory. Since the wheel contacts with
a rail, the boudary condition of the contact point should
be taken into consideration. Therefore, the thin wheel is
assumed to be simply supported at one point on the outer
3,4)
circumference . Then, the vibration and the noise
caused by a small model of the thin wheel are experimen-
tally investigated.
In section 3.3, the wheel used in the Shinkansen is
studied. This wheel is composed of a hub, a web, and a
rim, and is referred to as a web wheel. Since the web and
the rim have different thickness, the web wheel is assumed
to be a circular plate with a stepped thickness. As the
rim is considerably thick compared with its diameter, the
effects of rotatory inertia and shear deformation are taken
into consideration. With these assumptions, the theoreti-
cal analysis is carried out. Then, by making use of a
model of the web wheel which is 1/6 of that of the
Shinkansen's train, the vibration and the noise are experi-
mentally investigated.
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3.2 Vibration of a Thin Wheel
3.2.1 Theoretical analysis
In this section, the vibration is assumed to be govern-
ed by the small deflections, the effects of rotatory iner-
tia and shear deformation being omitted. The well-known
differential equation governing free vibration of a thin
homogeneous plate in the cylindrical coordinates (r, 6 , z)
shown in Fi a. 3―1is
where
DV'+w - phw2w = 0
o2 32 13 1 32 r, Eh3
V = 3^ + r97 + T^Bi^ , D " 12(l-v^)
(3-1)
w: transverse deflection, E: Young's modulus, h: plate
thickness, y: Poisson's ratio, p: density of the plate.






in which J and Y are Bessel functions of the first and
m m
second kinds of m-th order, and u) is the angular fre-
quency. I and K are modified Bessel functions of the
m m
first and second kinds of m-th order, respectively. The
values of the constants A, B, C and F are determined from
the boundary conditions of the plate.
Then, the above theory is applied to a circular plate
which simulates the thin wheel shown in Fig. 3-2. The
boundary conditions are; the inner side (r=a) of the plate
is fixed and the outer side (r=b) is free. Therefore, the
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The moment and the shear force are zero at r=b.
M
r - -D{g=Z + U(- -^ + -z- -^z)) = 0





Substitution of Eq. (3-2) into Eqs. (3-4) to (3-7)
gives the following set of four simultaneous, homogeneous
equations.
AJ (ka) + BY (ka) + CI (ka) + FK (ka) = 0
m m m m
A{(m/ka)j (ka) - J
nm m+1




+C{(m/ka)l (ka) + I (ka)} + F{(m/ka)K (ka) - K
n(ka)} = 0m m+± m m+1
(3-9)
A[j (kb) - {(l-u)/k2b2}{m(m-l)j (kb) + kbJ n(kb)}]m m m+1
+B[Y (kb) - {(l-u)/k2b2}{m(m-l)Y (kb) + kbY n(kb)}lm m m+1
-C[I (kb) + {(l-u)/k2b2}{m(m-l)l (kb) - kbl n(kb)}]m m m+1 J






J_.m+l (kb) + {(l-u)/k2b2}
x {m2(m-l)j (kb) - m2kl3j
+ B[mY
m





x {m2(m-l)Ym(kl3) - m2kbYm+1(kb)}]
+ C[ml (kb) + kt>I ,
m m+1 (kb) - {(l-u)/k2b2}
x {m2(m-l)l (kb) + m2kbl n(kb)}]
m m+1
+ F[mKm(kb) - ktKm+1(kb) - {(l-y)/k2b2}
x {m2(m-l)K (kb) - m2kbK _(kt>)}]= 0
in m+-L
(3-11)
For a non-trivial solution, the characteristic determi-
nant of this set of equations must be zero. This condition
leads to the frequency equation, which can be solved by
computer methods. Then, introducing the calculated eigen-
values X =k b (m,s : numbers of nodal diameters and
ms ms
circles) into the system of equations, it is possible to
calculate the arbitrary constants A, B, C, and F. Conse-
quently, the dynamic deformation curves and the nodal lines
position are obtained.
The vibration of the wheel simply supported at the
contacting point with the guide wheel is dealt. In this
case, a reactive force P acts on the contact point
(r ,0 ). The equation of motion becomes
DV^w - phu)2'w= P(r,6) (3-12)
We assume that w is given in the form of a series of
the eigenfunctions w as,ms
icot
w= £ C w e
ms ms ms
(3-13)
Since the force P acts only at the contact point. P can be
21




Substituting Eqs. (3-13) and (3-14) into Eq. (3-12),
the following equation is obtained.
DV4ZC w - phco2ZC v = Pr.6(r-rn)6{r(e-9.)} (3-15)
is ms ms ms 0 0 0





eh%s2wms = ° (3-16)
is the natural angular frequency. Also, the
eigenfunctions have the following orthogonality.
/2i1f°v w rdrde = 0 for m^£ or s^k
0 a ms tt
(3-17)
Substituting Eq. (3-16) into Eq. (3-15), multiplying both
sides by w , integrating over the surface of the wheel,
ins
and with the use of Eq. (3-17), we obtain
ph(o) 2-w2)C ffv 2rdrd6 = P w (r.,8j
ms ms ms 0 ms 0 0





, 1 for m=0










(z) + Jm+12(z) - (2m/z)jffi(z)Jm+1(z)}
(Z)}*{Y 2(Z) + Ym+12(Z) - (2m/Z)Ym(Z)Ym+1(Z)}
i/2){&ms(z)}HimHz) - im+1Hz) - (2m/z)im(z)im+1(z)
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}
+(l/2){hmB(Z)}2{Km2(z) - Km+12(Z) + (2m/Z)Km(Z)Km+1(Z)}









f = B /A g_ = C /A h = F /A
ms ms ms > tis ms ms > ms ms ms
From this equation, C is obtained. Substituting C intoms ms
Eq. (3-13), the displacement of an arbitrary point is given
an.
w(r,8)









Since we assume that the contact point is simply supported,
the displacement of the contact point must be zero.
v(r 6 ) - E
V^0^
V 0, CT ms ph(w z-u)z)//w zrdrd9 .
ttir ma
(3-20)
From this equation, the natural angular frequency can
be obtained under the condition that the wheel is simply
supported at the contact point. Also, the mode of vibra-
tion is given by substituting C into Eq. (3-20). Thesems
modes are referred to as antisymmetric modes.
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When the displacement of the eigenfunction at the
contact point is zero, the eigenfunction consequently satis-
fies the supporting condition. Then, the eigenfunctions
with m =tt/2 also become the solutions, and these modes are
named symmetric modes.
The natural frequencies are given by
f = ―
2tt 2 "b
3.2.2 Result of numerical calculations
(3-21)
The numerical calculation is carried out with the
following figures.
inner radius (a) : 25.0 mm, outer radius (b)
E : 2.1xlO4
v : 0.3.






The calculated eigenvalues ＼ 's are shown in Table 3-1.ms
These eigenvalues also become the eigenvalues of the symmet-
ric modes. Then, substituting these eigenfunctions into
Eq. (3-20), the eigenvalues of antisymmetric modes A's are
calculated. The mode shapes with contour lines of A=2.833
and A =3.442 are shown in Fig. 3-3. These results will be
compared with the experimental ones later. The eigen-
values, natural frequencies and the symmetric and the anti-
symmetric modes are shown in Fig. 3-4.
3.2.3 Experimental apparatus
The experimental apparatus shown in Fig. 3-5 is com-
posed of a press device, a test wheel, a guide wheel which
simulates a rail, and a motor. The press device gives the
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necessary load to the test wheel by a coil spring, and the
load is measured by strain gauges attached to a plate
located between the coil spring and the test wheel. The
test wheel which is used in this section is shown in Fig.
3-1. The outer diameter of the guide wheel is 300 mm and
its thickness is 30 mm, The test thin wheel and the guide
wheel is made of S55C steel. Both of the wheels are
supported by plane bearings with forced lubrication. The
guide wheel is connected to the 1 HP motor by a plane
belt. The bed of the motor is separated from the bed of
the wheels in order to cut off vibration. The motor is
covered with a sound-proof box. The measurement system of
the vibration and the sound is shown in Fig. 3-6. The
vibrational acceleration is measured by a piezoelectric
accelerometer (Bruel and Kjaer4344). The sound pressure is
measured by a condensor microphone (Bruel and Kjaer 4131).
Both detectors' frequency characteristics are linear up to




First, the test wheel is set to contact with the guide
wheel with a load 50-150 kgf. White noise vibration is
given to the axial center of the thin wheel, and the
acceleration is measured by the accelerometer which is
attached to the rim. The frequency spectrum is investi-
gated by the FFT analyzer. Then, the thin wheel is sepa-
rated from the guide wheel, and the same experiment is
carried out. In the contact condition, the test wheel is
25
excited by a harmonic force whose frequency is the same as
that of the peaks of the spectrum^ and the mode shapes
are investigated by checking the phase angle of each
point. Also, Chladni's pictures of the mode shapes are ob-
tained. Furthermore, the vibrational characteristics of
the guide wheel are investigated.
Running experiment
The acceleration and noise of the running thin wheel
are investigated. The rotational speed is varied from 400
to 1500 rpm. The electric signal of the measured acce-
leration is transmitted through a slipring. The microphone
is located near the thin wheel. The rotational speed is
measured photoelectrically. The vibration of the bed is
also investigated.
3.2.5 Results of experiments
Non-running experiment
Figure 3-7 shows the acceleration spectra of the thin
wheel under the white noise excitation. The upper spectrum
of this figure is the result with the load, and the lower
one is without the load. The resolving power in the
frequency range of 0-10 kHz is 25 Hz. The upper spectrum
has large peaks at 1000-1750, 1900, 2625, 3125, 4200, 5100,
6300, 7575, and 8300 Hz. The lower spectrum has large
peaks at 1400, 1900, 3125, 5100, and 7575 Hz. The ampli-
tudes of the peaks vary according to the position of the
accelerometer; the nearer the accelerometer is to the nodal
line, the smaller the amplitudes are.
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The mode shapes for each of the resonant frequencies
1750, 1900, 2625, 3175, 4200, 5100, 6300, 7500, and 8300 Hz
coincide with the calculated ones shown in Fig. 3-4. The
Chladni's pictures of the resonant frequencies 1750 and
2625 Hz are shown in Fig. 3-8. They agree well with the
theoretical predictions shown in Fig. 3-3.
The resonant frequencies of the guide wheel are 1825,
2250, 3725, 4700, 6050, 6900, and 9125 Hz.
Rolling experiment
Figure 3-9 shows the spectra of the vibrational accele-
ration and the sound pressure of the rolling thin wheel.
Both spectra are in a good agreement, and they have peaks
at 1400, 1750, 2600, 3125, 4250, 6300, 7500, and 8300 Hz.
From this, we can see that the noise is dominated by the
transverse vibration of the thin wheel. The high peak of
the sound pressure in the frequency range below 1000 Hz is
due to the vibration of the bed whose spectrum is shown in
Figure 3-10.
The frequency characteristics of vibrational accelera-
tion of the rolling and the non-rolling experiments are
similar. The peaks at 3725 and 6050 Hz of the rolling
experiment are due to the vibration of the guide wheel.
The vibration of the guide wheel slightly influences the
vibration of the thin wheel. Table 3-2 shows a comparison
between the theoretical and the experimental results. From
this table, we can see that all results agree well, and the
theoretical analysis, especially that of the antisymmetric
modes which is obtained under the assumption that the wheel
is simply supported at the contact point, is confirmed.
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3.3 Vibration of a Web Wheel
3.3.1 Theoretical analysis
The vibration of the web wheel is analyzed by Mindlin
theory
5,6)
which includes the effects of the shear deforma-
tion and the rotatory inertia. First, the basic equations
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Two of the plate displacement components ty and ty are
r 9
assumed to be expressed in terms of the potentials $ and H
which give rise to the areal dilatation and rotation as.
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=
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When the external force P is negligible, the potential <j>is
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2 2When 6 and 6O are negative, J and Y are replaced by
2 3 mm
modified Bessel function I and K , respectively. By set-
2 2 m 2 m
ting R=S=O, 6 , 6 become 6 n , and the above equations
are reduced to those of the thin plate theory which neg-
lects the effects of shear deformation and rotatory inertia.
In the next step, we derive the vibration of the web
wheel shown in Fig. 3-11. The basic equations explained
above are applied to the web and the rim independently. As
the boundary conditions we assume that the inner side of
the web is fixed, the outer side of the rim is free, and
the outer side of the web and the inner side of the rim are
continuous. In the following equations, suffix W and R
represent the web and the rim, respectively.
The displacement and slopes are zero at r=a.
wr , r = a
= 0




The moments and the shear force are zero at r=b.
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r ,r=b Qr,r=b .
(3-54)
(3-55)
Substituting Eqs. (3-41) to (3-43) for the web and the
rim into Eqs. (3-44) to (3-55), simultanuous homogeneous
equations with the unknowns A (i=W,R, j=l,2,3, and
Jk
k=l,2) can be obtained. Elimination of the determinant of
these coefficients yields an equation for the determination
of the natural frequency. Then, by solving the simul-
taneous equations, the mode shapes can be obtained.
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3.3.2 Results nf nnmpn'nal nfllrailatinrs
The calculated natural frequencies of the web wheel
are shown in Table 3-3. In order to investigate the
effects of the shear deformation and the rotatory inertia,
the natural frequencies obtained by the thin plate theory,
which was mentioned in section 3.2 are also shown in the
same table. Since the natural frequencies are inversely
proportional to the size of the wheel, the natural frequen-
cies of the actual wheel are 1/6 of those of the test
wheel.
The displacement curves of the mode shapes of the web
wheel in the circumferential direction are constant for
m=0, and sine curves for m are greater than 0. The
displacement curves in the radial direction are shown in
Fig. 3-12 by solid lines. The curves for a circular plate
which has a uniform thickness of 5 mm are also shown by
dotted lines in the same figure.
3.3.3 Experimental results
The vibration and the noise of the web wheel are
measured. The experimental procedure is similar to the one
used for the thin wheel mentioned in the previous section.
Rolling experiment
The frequency spectra of the sound pressure and the
vibrational acceleration in the axial direction of the web
wheel which is rolling with a 50 kgf load and a 1000 rpm
rotational speed are shown in Fig. 3-13. The vibration of
the rim has the same frequency spectrum as the web. The
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vibrational amplitudes of the web and the rim are in good
agreement with the theoretical results shown in Fig. 3-12.
When the load and the rotational speed are varied, the
frequencies corresponding to the peaks are constant.
Non-rolling experiment
Impulse response of vibration of the web wheel which
is separated from the guide wheel is shown in the bottom
row of Fig. 3-13. The mode shapes and displacement curves
are in good agreement with the theoretical predictions
shown in Fig. 3-13 and Fie. 3-12.
3.3.4 Discussions on results
In the theoretical analysis, the vibration of normal
mode of the web wheel is obtained under the boundary condi-
tion that the whole outer circumference is free. There-
fore, the natural frequencies obtained here correspond to
the symmetric modes. However, since the wheel contacts
with a rail, the antisymmetric modes due to this contact
condition should be taken into consideration. In the case
of the experimental apparatus, the spectrum of the rolling
vibration shown in Fig. 3-13 has small peaks at 9500 and
15000 Hz. These peaks seem to be due to the antisymmetric
modes. However, the antisymmetric modes are not discussed
in this chapter because the coupled vibration of the wheel
and the rail will be studied in chapter 6.
As noted before, the wheel's thickness is considerably
large compared with its diameter. Therefore, in the theo-
retical analysis, the effects of shear deformation and
rotatory inertia are taken into consideration. As shown in
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Table 3-3, the natural frequencies obtained by the thick
and the thin plate theories are almost identical in the low
order modes. However, the latter is considerably higher
than the former in the high order modes. For example, the
natural frequencies of (5,0) mode are 17014 Hz (thick plate
theory) and 22564 Hz (thin plate theory), and its rate of
increase is 32%. The web wheel which is used in this
experiment does not have many high order modes in the audio
frequency range, 20-20000 Hz. However, the wheel with the
actual size has many high order modes in the audio frequen-
cy range, and so they should be obtained by the thick plate
theory.
Comparing the displacement curves of the web wheel
with the circular plate with a uniform thickness of 5 mm in
Fig. 3-13, there is little difference between them for the
modes with s=0. For the modes with s which is greater than
0, the amplitude of reflection at the rim is small, and the
nodal circle shifts to outer portion. These tendencies
become more apparent when the thickness of the rim
increases.
3.4 Conclusions
In this chapter, the transverse vibrations of the thin
wheel and the web wheel are analyzed theoretically. Also,
the vibration and the noise are experimentally investi-
gated. Then, the following conclusions are obtained,
i ) The noise is dominated by the transverse vibration of
the wheel.
ii ) The vibrations of the thin wheel and the web wheel can
be theoretically analyzed by the thin plate theory and
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Mindlin theory, respectively.
iii) The frequency spectra of the vibration of the rolling
wheels are similar to those of the non-rolling wheels.
iv) The vibrations of the wheels have symmetric and antisym-
metric modes, and the antisymmetric modes clearly
appear in the vibration of the thin wheel under high
load.
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zFig. 3-1 Cylindrical coordinates
Fig. 3-2 Shape of the thin wheel.
(X=2.833) (X=3.442)

























Fig. 3-4 Mode shapes, eigenvalues, and natural frequencies
of the thin wheel; upper low : symmetric modes,
lower row : antisymmetric modes.
I
Fig. 3-5 Experimental apparatus
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>Fig. 3―6 Block diagram of measurement.
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Fig. 3-7 Acceleration spectra of the thin wheel
under the white noise excitation.
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Fig. 3-9 Frequency spectra of the
and the noise caused
rolling thin wheel.
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Fig. 3-10 Frequency spectrum of the bed's
vibration.
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Table 3-1 Calculated eigenvalues of the thin wheel
s m≫0 m-1 m=2 m=3 m=4 m=5 m=6 m=7 m=8
1 2.655 2.673 2.948 3.694 4.712 5.797 6.886 7.966 9.040
2 6.727 6.872 7.305 8.006 8.923 9.987 11.130 12.307 13.490
3 11.443 11.542 11.841 12.340 13.030 13.891 14.891 15.994 17.161
Table 3-2 Calculated natural frequencies of the web wheel




































Table 3-3 Measured and calculated natural frequencies of
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CHAPTER 4 EFFECTS OF VELOCITY, LOAD AND CONTACT ANGLE
4.1 Introduction
In chapter 2, the relation between the noise and the
train velocity of the Shinkansen was discussed. In this
chapter, the effects of the velocity and load on the noise
and vibration are investigated by making use of the experi-
mental apparatus . When a train is traversing on a curve,
large noise is generated. In this study, the curve is
simulated by a contact angle between the wheel and rail.
The effect of the contact angle on the vibration and noise
is also experimentally investigated.
4.2 Experimental Results
4.2.1 Web wheel
Figure 4-1 shows the schematic diagram of the contact
angle between the wheel and the guide wheel, which simu-
lates the situation of a train traversing on a curve.
Figure 4-2 shows the relations betweeen the rotational
speed and the total levels of the vibrational acceleration
and the sound pressure for several contact angles, in which
the load is 30 kgf. When the rotational speed is doubled,
the acceleration level increases by about 8 dB and the
sound pressure level by about 3 to 4 dB. Both levels in-
crease significantly as the contact angle increases. How-
ever, the load hardly has an influence on both levels.
Figure 4-3 shows the frequency specra of the accelera-
tion and the sound pressure for a=0 and a=0.01. As shown
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in this figure, the peaks at the natural frequencies become
higher and sharper with the increase of the contact angle.
When the rotational speed increases, the levels of the
peaks increase, however the shapes of the spectra are
almost the same. The influence of the load on the levels
and spectra of both vibration and the noise is negligible.
4.2.2 Thin wheel
Figure 4-4 shows the wave forms of the vibrational
acceleration and the sound pressure for a=0. When the
rotational speed increases the amplitudes of the vibration
and the noise increase. The large amplitude oscillations
appear at the large corrugations. The intervals between
these oscillation become shorter with the increase of the
rotational speed. When the contact angle increases, the
amplitudes become larger. The web wheel has the same
tendency as the thin wheel.
Figure 4-5 shows the spectra of vibrational accelera-
tion of the thin wheel for several rotational speeds and
loads. When the load is 120 kgf, all peaks increase with
the rotational speed, but when the load is 30 kgf, the
peaks of the symmetric modes (3125, 5050, 7500 Hz, etc.)
increase more than those of the antisymmetric modes as
shown in Fig. 4-6.
In Fig. 4-5, the peaks for high rotational speed are
divided into two. The modes of vibration are formed on the
disk. However, they are immediately attenuated, and new
modes whose nodal lines pass through the contact point are
formed because the propagation velocity of flexural vibra-
tion which generates the modes is high enough. Therefore,
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the modes are considered to be stationary in space, and the
deflection w of a symmetric mode is given as,
w = A(r) sin(ma) t)cos(u)t),
Z
where, A(r) : the maximum amplitude at radius r,
m : the number of diametric nodal lines,
u> : the angular frequency of rotation (120im) ,z
n : rate of rotation of the wheel (rpm),
w : the natural frequency.
This equation is rewritten as,
w = 1/2 {A(r) sin(co+mu) )t + sin(u)-mu) )t}.z z
The angular frequency is divided into (w+mu) ) and (u)-mu)).
z z
When iu is small compared with u), there is little diffe-
z
rence between ((D+rau) and (w-mu) ). When the rotationalz z
speed and the number of diametric nodal lines are large,
the spectra have peak splits. For example, when m=4 and
n=600, 1000 and 1400 rpm, the distance of the peak splits
are 80, 133 and 186 Hz, respectively. The peaks of the
antisymmetric modes are not so sharp as those of the symmet-
ric modes, because they are given by the sum of symmetric
modes.
In case of the thin wheel, the antisymmetric modes and
the peak splits clearly appear, while in case of the web
wheel, they do not. Since the wheel is thin enough com-
pared with the guide wheel, the boundary condition at the
contact point is assumed to be simply supported. However
in the case of the web wheel which is considerably thicker,
this assumption can not be adopted.
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4.3 Conclusions
In this chapter, the effects of the rotational speed,
the load, and the contact angle on the vibration and the
noise are investigated experimentally. Then, the following
conclusions are obtained.
i ) The vibration is dominated by the corrugation and the
roughness of the contact surface of the wheels.
ii) When the rotational speed of the web wheel is doubled,
the total level of the vibrational acceleration increa-
ses by about 8 dB, and that of the sound pressure by 3
to 4 dB. However, the load does not influence on the
total levels. The spectra of the vibration and the
noise are not influenced by the rotational speed and
the load.
iii) The vibration and the noise increase remarkably with
the contact angle.
iv ) When the wheel is considerably thinner than the guide
wheel, the antisymmetric modes become significant under
the high load.
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Fig. 4-2 Relation between the accelera-
tion level and the rotational
speed of the web wheel.
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Frequency kHz
Fig. 4-3 Frequency spectra of the acceleration and
the sound pressure of the web wheel.
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Fig. 4-5 Frequency spectra of the vibrational
acceleration of the thin wheel for
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Fig. 4-6 Ratio of acceleration level
of each mode to total accele-
ration level.
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CHAPTER 5 ACOUSTIC RADIATION
5.1 Introduction
The relation between the sound and the vibration is
important in the study of the noise generated by the
train's wheel. In this chapter, acoustic radiation coeffi-
cient W/H is introduced , in which W is the radiated
2)acoustic power and H is the mechanical power of the
vibrating wheel. The characteristics of the noise are
theoretically investigated by means of the acoustic radia-
tion coefficient of the normal modes. Furthermore, the
theoretical calculation for the thin wheel and the web
wheel is carried out. These results are compared with the
experimental results.
5.2 Theoretical Analysis
Figure 5-1 shows the polar coordinates for this analy-
sis. On the assumption that point B on the disk is a sound
source, the velocity potential at A on the disk due to a

















The total sound pressure at A will be obtained by integra-












Also, the sound pressure generated from the back side of
the disk has an effect on the velocity potential at A, but
it is diffracted by 180 degrees, therefore, the velocity
potential from the reverse side is negligible. The sound
pressure at A is given by
3<|>



















{ sin ( uit )cos ( wt )
2tt
(5-3)
where p' is the equivalent density of the transmitting
medium. The particle velocity v at the surface is equal to
the vibration velocity of the disk.
1'
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cos(-kR)-sin2Ut)sin(-kR) }r2dr d62<lA . (5-5)
The total acoustic power W can be obtained by integrating
dW with respect to dA and making a time average, and

























On the other hand, the mechanical power of the vib-
rating elementary area dA is





and, y:sPecific weight of the plate, h:thickness of the




5.3 Numerical Calculations and Discussions
The numerical calculation of the coefficient W/H for
three kind of thin disks with an uniform thickness is
carried out. One of the disks has 50 mm inner diameter and
150 mm outer diameter which is used in the previous chap-
ters, another has 100 mm inner and 300 mm outer diameters,
and the third has 150 mm inner, 450 mm outer diameters, and
all are of 5 mm thickness. The boundary conditions are
that the inner circumference is fixed, the outer is free,
and one point on the outer circumference is simply sup-
ported. The results are shown in Figs. 5-2, 5-3, and 5-4,
in which f is the coincidence frequency where the velocityc
of the sound wave in air and that of the bending wave of





The coincidence frequency of the steel plate with a
thickness of 5 mm is 2377 Hz. When the number of diametric
nodal lines m is 0 or 1, W/H has a large value, and with an
increase of frequency, W/H decreases rapidly, then increa-
ses again to a peak value, and finally monotonically dec-
reases. The disk with 150 mm outer diameter has a peak at
f=2f . Comparing these three figures, we see that as the
diameter increases, the frequency of the peak approaches f
c
and the value of the peak becomes larger. In Gosele's
3)
coefficient , when the plate is infinite, the radiation
coefficient is 0 at f<f , infinite at f=f , and thenc c
monotonically decreases to 1 at f>f . However, the disks
have finite largeness, so the peaks are not infinite., and
W/H is not 0 at f<f . When the size of the disk increases,
c _
the frequency of the peak comes close to f and W/H haso
very small value at f<f for the low order resonant vibra-
c
tions.
Figure 5-5 shows the experimentally measured frequency
spectra of the vibrational accelerations and the sound
pressures of the thin wheel disk. The rate of rotation is
1000 rpm and the loads are 30 and 120 kgf. In a comparison
between the values of the peak of the sound pressure and
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the vibrational acceleration, it is observed that the pre-
ssure is larger than the acceleration at 1500 Hz, the
former is smaller at 1750 and 3500 Hz, it is larger at 400C
Hz, and it is smaller at the frequency range above 4000 Hz.
The numerical calculation for the test web wheel which
is engaged by the web (h=5.0 mm) and the rim (h=20.6 mm) is
carried out. Table 5-1 shows the calculated W/H. The W/H
of the test web wheel is small and remains constant com-
pared with those of the thin disks. The reason is explain-
ed as follows. Since the kinetic power is proportional to
the thickness, the acoustic radiation coefficient of the
web wheel, whose rim is considerably thick, is small.
Also, the natural frequencies of the web wheel are determin-
ed by the shape of the rim. Thus, we may assume that the
coincidence frequency is about 577 Hz, because f of ac
plate with 20.6 mm thickness is 577 Hz. The natural
frequencies of the web wheel are much higher than f ,
therefore W/H is small in its frequency range.
Then, we consider the real size wheel. When the
wheels have similar shapes, the natural frequencies are
inversely proportional to their size. Hence, in Eq. (5-7),
k=co/c is inversely proportional to the size, R is propor-
tional to the size, and finally kR is constant. Therefore,
it is noted that W does not depend on the size of the
wheel. Also, in the similar manner, the mechanical vibra-
tional power H is independent of the size. Then, the
acoustic radiation coefficient of the resonant vibration is
the same as the values which are shown in Table 5-1, in
which the natural frequency is multiplied bv 1/6.
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5.4 Conclusions
When we deal with the noise from the thin wheel, we
have to pay attention to the very low order modes and the
modes whose natural frequencies are a little higher than
the coincidence frequency because their acoustic radiation
coefficients have large values. However, in the case of
the web wheel, its coincidence frequency is lower than the
natural frequencies, and it has no natural mode with sig-
nificantly large acoustic radiation coefficient.
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Fig. 5-3 Calculated W/H of the disk with
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Fig. 5-5 Measured frequency spectra of the accceleration
and the sound pressure of the thin disk.
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Table 5-1 Calculated W/H














r.HAPTER fi COUPLED VIBRATION OF WHEEL AND RAIL
6.1 Introduction
In the previous chapters, the vibration of the wheel
was investigated. Since the wheel contacts with a rail,
their coupled vibration is investigated in this chap-
ter . The emphasis is placed on the vibration of the wheel,
and the rail is simulated by a beam with free ends. The
contact condition between the wheel and the rail is rather
complicated. However for the sake of simplification of the
theoretical analysis, they are assumed to be connected by a
spring. Under these assumptions, the coupled vibration is
theoretically analyzed, including the effects of shear
deformation and the rotatory inertia. Also, laboratory
experiments are carried out with a model composed of the
web wheel, the beam, and a connecting bolt, and the results
are compared with the theoretical ones.
6.2 Theoretical Analysis
The basic equation for the vibration of the web wheel
is the same as chapter 3. The equations of motion under an














































Since the external force P
point (rQ 90
acts only on the contacting
with the rail, p
Delta function as
pl Plo6(r-rj6{r(0-6o
is expressed by Dirac's
)}e (6-4)
w, ib , ty , M, M , Q, and Q are assumed to be
given in the form of series of the eigenfunctions w ,ms
ill , iK , M , M n , Q , and Qn , which were
r,ms 0 ,ms r,ms rQ.ms r,ms 6,ms
obtained in chapter 3 as follows:
v = E C v e " , ij; = Z C i|i e , ･･･ etc. (6-5)
ms ms ms r ms ms r.ms
where, C 's are arbitrary constants which are determinedms
in such a manner to satisfy the contact condition with the
rail. Substituting Eq. (6-5) into Eqs. (6-1) to (6-3), the
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The eigenfunctions satisfy the homogeneous equations (P =0)
of Eas. (6-1) to (6-3) as.
9M M M - MQ






























where w is the natural angular frequency.ms
Substitution of Eqs. (6-9) to (6-11) into Eqs. (6-6)
to (6-8) gives
£ p ― (cj 2-o)2) C ＼＼> = 0













u> 2-cj2) C w = Pin6(r-rj6{r(e-e )} . (6-14)
ms ms ms 10 0 0
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where a: inner radius, b: outer radius, and
6ij,kl 1
0
for i=k and j=l




Multiplying Eqs. (6-12) to (6-14) by ＼b ih and w ,r,ms, r0,ms, ms
respectively, summing all of them together, performing the
integration over the plate surface, and making use of Eq.
(6-15). the following equation is obtained.
(to 2-oj2) C = P-.w (rn,9n
ms ms 10 ms 0 0
(6-16)
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The displacement w is obtained by substituting Eq. (6-16)
into Eq. (6-5) as
w (r,9)w (r ,0 )
i a＼ v ms ' ms 0' 0
w(r'e) = L ―u 2-*'A) pio
ms
(6-17)
Finally, the displacement at the contact point is given by
ms
3)The rail is assumed to be a Timoshenko beam which
considers the effects of shear deformation and rotatory
inertia. Let ijjdenote the slope of the deflection curve
when the shearing force is neglected, and 3 the angle of
shear at the neutral axis in the same cross section, then
we find for the complete slope
9y
― = ip + 3 t
(6-19)
9x
From the elementary theory of bending, we have for bending
moment and shearing force the following equations.
9y
M = EI ― (6-20)
3x '
9y
Y = - k' 3AG = -k' (― - i|>)AG (6-21)
9x
in which, k1 is a factor depending on the shape of the
cross section; A is the cross sectional area; G is the
transverse modulus of elasticity; and I is the moment of
inertia. The differential equations of rotation and trans-
latory motion in a vertical direction are
3M 92iJj






+ P = PA ― (6-23)
Since the external load P? acts only on the contact point
(x ) with the wheel, P is expressed by
P2 = p 206(x-x0)e
iwt
(6-24)
Let M, V, ty , and y be given in the form of series of the
eieenfunctions of the beam M , V , ＼b , and y , respectively.
mmmm
M = ZC M e V= EC V e , ･･･ etc. (6-25)
mmmj mmm
Since these eigenfunctions are the solution of Eqs. (6-22)





T = - pIco zty
m mm,




where w is the natural angular frequency. Also the eigen-
m
functions have the normal orthogonality as
JjpdVj +A^)dx = 6ij . (6-28)
Substitution of Eqs. (6-24) and (6-25) into Eqs. (6-26) and
(6-27) yields
EPl(o) 2-u2)C ii> = 0 ,
m m mm
EpA(%2.^)Cmym = P206(x-xQ) .
(6-29)"
(6-30)
Multiplying Eqs. (6-29) and (6-30) by ^ and ym> respecti-
vely, adding both together, and performing the integration
over the whole length, the following equation is obtained.
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(6-37)
(%2 -≪2K = *WV (6-31)
Substituting C of this equation into Eq. (6-25), the dis-
m
placement y is obtained.
y (x)y (x )










We assume that there exists a spring whose constant
is k between the wheel and the rail. Then, the exteternal
force P and P which work on the wheel and the rail,
respectively, are given by
pio
P20
= k{-w(ro,eo) + y(xQ)}
}
= k{-y(x ) + w(r ,0 )} .
(6-34)
(6-35)












2 2 k{-w(rQ, e0) +y(xQ)} t
(6-36)
k(-y(x ) + w(r ,9 )}
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From the frequency equation obtained from Eq. (6-38), the
natural angular frequency of the coupled vibration of the
wheel and rail is obtained. Substitution of the natural
angular frequency into Eqs. (6-17) and (6-32) gives the
mndftaof vibration of the wheel and the rail.
6.3 Remarks on Experimental Procedure
In the practical system, the wheel contacts with the
rail at the wheel's periphery. In this case, not only the
force but also the moment acts on the beam at the contact
point. In this chapter, the wheel and rail system is sim-
plified as much as possible. To eliminate the moment, the
rail is located at the side of the wheel as illustrated in
Fig. 6-1. The rail is simulated by a beam with free ends.
The wheel and the rail are connected by a bolt of M4. The
spring constant k is varied by changing the length of the
bolt.
The acceleration pick-ups are attached to the wheel
and the rail. The acceleration under shock impulse is
measured. Their frequency spectra are obtained by a real
time, two channels frequency analyzer- In the beginning,
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the wheel and the rail are separated and their shock
response are measured. Then, both are connected, and the
spectra are measured by taking the length of the connecting
bolt and the location of the connection as variables.
Finally, the modes of vibration are investigated by check-
ing the phase lag at each point.
6.4 Results of Numerical Calculations and Measurements
6.4.1 Independent vibration of wheel and rail
The theoretical natural frequencies of the independ-
ent wheel and the rail are shown in Table 6-1. In this
case, the wheel and the rail do not have any contact
point. The experimental results are shown in Fig. 6-2. In
the experimental result of the wheel the peaks at (0,1),
(1,1), (4,1), and (0,2) modes which have circular nodes do
not appear. This is due to the asymmetry of the experimen-
tal apparatus and the impulsing point not being at the
center of the wheel. However, the other peaks at the
natural frequencies of both of the results are in good
agreement.
6.4.2 Coupled vibration of wheel and rail
When the connecting point is at the center of the
Qbeam and the connecting spring constant is 1.27x10 N/m
4
(1.3x10 kgf/mm) the theoretical natural frequencies and
their modes of vibration are shown in Fig. 6-3. In this
figure, if the mode line of the beam is above the horizon-
tal coordinate, the vibrational chase of the beam is the
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same as that of the wheel at the connecting point; other-
wise, the phase is reversed.
Figures 6-4 and 6-5 show the measured frequency spect-
rum, with the bolt length being 10mm and 6mm, respec-
tively. When the location of the acceleration pick-ups and
the impulsing point are varied, the peak levels change but
the peak frequencies do not. In these figures, symbols A,
B, C, etc. indicate the theoretical natural frequencies.
The theoretical frequencies and the measured frequencies
are in good agreement. Comparing Figs. 6-4 and 6-5, the
peak frequencies in Fig. 6-5 are slightly higher than those
in Fig. 6-4. This is because the connecting bolt of Fig.
6-5 is shorter than that of Fig. 6-4, consequently the
spring constant k of the former is larger than that of the
latter.
Table 6-2 shows the theoretical natural frequencies
with three kinds of spring constant. The frequencies
increase with an increase in the spring constant. However,
the increasing rates of each natural frequencies are not
similar. Some of them increase much, and some slightly.
This is because the natural frequencies of the coupled
vibration exist between the natural frequencies of the
independent vibration of the wheel and the rail. There-
fore, when the neighbouring natural frequencies are close
to each other, the natural frequencies of the coupled
vibration do not change much with the spring constant.
Q
When the spring constant is larger than 9.8x10 N/m, the
natural frequencies are almost the same as the natural
frequencies of the coupled vibration with k=oo. When k
decreases, the natural frequencies converge to the natural
frequencies of the free independent vibration of the wheel
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and the beam.
Figure 6-6 shows the theoretical natural frequencies
and their modes of vibration when the connecting point is
at a distance of 53 mm from the edge of the beam and
Qk=l.27x10 N/m. Figure 6-7 shows the experimental results
of the shock response under the same condition as the
theoretical results mentioned above (bolt length is 6 mm).
In this figure, symbols A1, B1 , C, etc. indicate the
theoretical natural frequecies. Since the connecting point
is not at the center of the beam, there are modes of
vibration which have odd numbers of the nodal point in the
beam. This can not be seen in the case when the connecting
point is at the center of the beam.
The theoretical results are slightly different from
the experimental ones. In the theoretical analysis, the
moment at the connecting point is ignored. Therefore, if
the moment is taken into consideration, the theoretical
results are expected to be in a better agreement with the
experimental results.
6.5 Conclusions
The coupled vibration of the wheel and the rail is
investigated theoretically and experimentally by making use
of a simple model which is composed of the web wheel , the
beam with free ends, and the connecting bolt. The coupled
vibration is analyzed under the assumptions that the web
wheel is a Mindlin plate, the beam is a Timoshenko beam,
and the connecting bolt is a spring. This theoretical
analysis is confirmed by the experimental results. This
method can be applied to the theoretical analysis of the
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coupled vibration of the practical wheel and rail.
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Fig. 6-5 Frequency spectra of the coupled vibra-
tion; connecting point : center of the
rail, connecting bolt length : 6 mm.
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Fig. 6-7 Frequency spectra of the coupled vibra-
tion; connecting point : 53 mm from the
edge, connecting bolt length : 6 mm.
Table 6-1 Theoretical natural frequencies of
the independent wheel and rail.








































































CHAPTER 7 VIBRATION OF A SPOKE WHEEL AND ITS NOISE
REDUCTION
7.1 Introduction
In chapter 3, the vibration of the web wheel was
investigated, and it was found that the vibration of the
web is not negligible compared with that of the rim. The
web generates considerablly large noise because of its
large area. From this point of view, a spoke wheel is
expected to reduce the noise.
In this chapter, the vibration of the spoke wheel is
analyzed theoretically under the assumption that the spokes
are springs which support the rim. The results of this
analysis is compared with the experimental ones. Also, the
noise caused by the spoke wheel is compared with that by
the web wheel, and its characteristics of the noise reduc-
tion are investigated
7.2 Theoretical Analysis
Since the spokes of the wheel shown in Fig. 7-1 are
assumed to be springs supporting the rim, the external












where (r ,6-, : 1=1,2,･･･,8) are support points.
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+ P = ph
at2 .
Then, the deflection w, slopes ＼＼>, ＼＼>, etc. are given in
r 0
the form of a double series of the eigenfunctions of the
rim with free inner and outer circumferences as,
W = I C _W__ , Y_ =_Z_ C
r m, s ms






Substitution of Eqs. (7-1) to (7-3) into Eq. (7-8) gives
Substituting Eq. (7-9) into Eq. (7-7), the deflection and
the slopes are obtained as;
W=I (P£Gll)l+Mr5A2£ + Mre,£G13£),
V£ (V2l£ + Mr,*G224 + Mre,*CW >
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where




= I w (r,0)w (r7,07)/(w -oi )
i- ms ms ms /- /. ms ≫
121 ' Z- Z ms ms ' r,ms
Gl3Z(r'G;rZ'QZ) = LWmS(r'9)l|j0,mB






G22liT>Q>Tl>Ql] = L^r,mS(r'0)'|Jr,ms(rr0Z)/(a)ms2-U)2 ),
CW^^I'V = ^r,ms(r'e)^,ms(rZ'0l)/(%S2-(°2) '
G3U(r,6;rrez) = SB*e,mB(r≫e)wmB(rl*el)/UinB2-(o2)*





Denoting the spring constants of the spoke in the z,
, and i|j0 directions by k, k , and kQ, respectively, the
reactive force and the moments at the contact point is
given by
p* = - kW(r ,
M
r, a













Substituting Eqs. (7-10) to (7-12) into Eqs. (7-13) to
(7-15), the following simultaneous equations for Pn , M ,,
1 r,l



















( n = 1,2,･･･,8)
(7-16)
where, G^-G^d^ ^1^,8^.
From the frequency equation which is derived from Eq.
(7-16), the natural angular frequency of the spoke wheel is
determined. Also, substituting the eigenvectors P.,, M ,1 r,l
and M into Eqs. (7-10) to (7-12), the mode shape ofrQ ,1
vibration is obtained
Since the wheel contacts with a rail on its tread,
the vibration of the practical wheel is complicated as
discussed in chapter 6. However, only a simple model is
discussed here. The rail is assumed to be a spring which
works in the z direction. By the similar procedure as the



























( n = 1,2,･･･ 8)
0
(7-17)
where K is the spring constant which supports the wheel,
and the suffix 0 represents the supprort point. From this
frequency equation, the natural angular frequencies and
their mode shapes can be obtained.
7.3 Comparison Between Results of Calculations and Experi-
ments
7.3.1 Vibration of rim
Table 7-1 shows the calculated natural frequencies
f 's of the rim whose shape is shown in Fig. 7-1. The
outside, midside and inside diameters, and the outer and
inner thicknesses are 150.0 mm, 129.0 mm, 119.0 mm, 20.6
mm, and 8.7 mm, respectively. In this table, m denotes the
number of nodal diameters, and the number of the circular
node is 0 for all modes. Fig, 7-2 shows the measured shock
response of the acceleration. These two results are in
good agreement with each other.
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7.3.2 Vibration of un-sunoorted snoke wheel
In the case of the un-supported spoke wheel, there are
two types of mode, S-type mode and A-type mode. The nodal
line of the S-type mode passes through the neutral line of
the spokes, and that of the A-type mode passes through a
line equidistant from the adjacent spokes as shown in Fig.
7-3. The S- and A-type modes have the same frequency
equation except for the mode with m=4, and they consequent-
ly have the same natural frequencies. We do not have the
S-type mode with m=0.
Figures 7-4 to 7-6 show the relationship between the
theoretical natural frequencies and the spring constants k,
k , and k , respectively. In these figures, the abscissa,
dimensionless spring constants k, k
K=k/k0, <r=Vkro'Ke=k/keo'
, k-, are given by
(7-18)
respectively, where, k , k , and k are the calculated
static stiffness of the cantilever (length : 25.0 mm, width
: 12.0 mm, thickness : 8.7 mm) which simulates the spoke.
As shown in these figures, the natural frequencies
increase exponentially with the dimensionless spring con-
stants. From the restriction of the wheel's shape, the
dimensionless spring constants may be in a range of 10 to
10 . In this range, the lower order modes are sensitive to
K.
Figure 7-7 shows the measured shock response of the
acceleration. From the calculated and the measured natural
frequencies, the dimensionless spring constants can be
assumed to be 0.4. The calculated natural frequencies with
these values are shown in Table 7-2. The calculated fre-
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quencies of the lower order modes differ from the measured
frequencies. The beam is assumed to be a cantilever in the
theoretical analysis; however, the spokes of the wheel are
elastically supported at the inner ends. Thus, the differ-
ence between the theoretical and the experimental results
are derived.
7.3.3 Vibration of supported spoke wheel
When the wheel is elastically supported at one point
of the tread in the z direction, the vibration has two
types of mode. One is a mode whose nodal line passes
through the support point, while the nodal line of the
other does not. The former is named S'-type, and the
latter A'-type. When the support point is on the spoke
diameter or is equidistant from the two adjacent spoke
diameter, the S-type and A-type modes obtained in the
previous section coincide with the S'-type modes. There-
fore, in this section only the A1-type mode is discussed.
The relation between the natural frequencies and the
spring constant K is shown in Fig. 7-8 for the case where
the contact point is on the spoke diameter. As shown in
this figure, the natural frequencies have a large increse
at K = 10 N/m. When K decreases, the natural frequencies
approach to those of the un-supported wheel, and when K
increases they become close to those of simply supported
wheel. The mode shapes slighty vary with K. The natural
frequencies slightly depend on the location of the sup-
port. The measured shock responses of the wheel which
contact with the guide wheel are shown in Figs. 7-9 and
7-10. Figure 7-9 shows the case that the contact point is
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on the spoke diameter. Figure 7-10 shows the case that the
contact point is just between the adjacent spoke dia-
meters. When the load is changed, the peaks hardly change
the position. The peaks appear at 1150, 2450, 6250, 12350,
and 17100 Hz, which correspond to the S'-type modes, and
2050, 4250, 7100, 11650, and 17550 Hz which correspond to
the A'-type modes. The peak at 3600 Hz is caused by a
natural vibration of the guide wheel. One of the peaks at
1500 and 1750 Hz is supposed to be the S'-type mode and the
other A'-type mode. However, it is difficult to distin-
guish them in this experiment because their frequencies are
too close to each other. Comparing Figs. 7-9 and 7-10, the
location of the peaks about 11000 Hz are slightly differ-
ent. This is because the natural frequencies of S-type and
A-type modes with m=4 are not equal. These measured fre-
quencies are slightly different from the calculated fre-
quencies. However, this can be improved by choosing the
values of the spring constants of the spokes adequately.
The practical wheel is supported by a rail not only
in the z direction, but also in other directions. Also,
the spring constant K varies with the load and the fre-
quency. However, for the experimental apparatus, the
assumptions in this chapter are considered to be adequate
to discuss the characterestics of the vibration of the
spoke type wheel.
7.3.4 Running experiment
Figures 7-11 and 7-12 show the frequency spectra of
the acceleration and the sound pressure of the wheel run-
ning with the guide wheel which has plane periphery. The
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rotational speed and the load which are taken for this
experiment are 1000 rpm and 300 N, respectively. In this
experiment, even if the rotational speed and the load are
changed, the locations of the peaks do not vary. The peaks
of the acceleration spectrum in Fig. 7-11 are due to the
S'-type modes. The peaks of the sound pressure are due to
the S'-type modes, in-plane vibration of the wheel, and the
vibration of the guide wheel. The total levels of the
acceleration and the sound pressure increase with the rota-
tional speed.
The exciting force which causes the transverse vibra-
tion of the wheel is generated at the contact point with
the rail. The exciting force in the radial direction is
much larger than that in the axial direction. The spoke
wheel has larger exciting force in the radial direction
than the web wheel because of its shape. Also, the corruga-
tion and roughness of the rolling surface which cause the
initiation of the exciting force are not constant for
wheels. Therefore, by this experimental method, it is
difficult to compare the noise levels of the spoke wheel
and the web wheel.
Then, to simulate the condition that the train is tra-
versing the curves, the experimental apparatus is set to
have an angle a between the wheel and the guide wheel as
shown in Fig. 4-1. By this method, the exciting force in
the axial direction can be increased. The vibration with
ct=2.7 is larger than that with a =0 by about 10 dB.
In order to investigate the levels at arbitrary fre-
quency, a guide wheel which has grooves (width "･0.2 mm,
depth : 0.2 mm, interval : 1.1 mm) on its periphery, as
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shown in Fig. 7-13, is used. With this grooved guide
wheel, the vibration and noise levels of different wheels
can be compared, because the amplitude of the vibration
depends on the condition of the contact surface, and the
grooves of the guide wheel is large enough to ignore the
corrugation and roughness of the wheel surface. The fre-
quency of the exciting force is denoted by f (f =NZ, N :
number of rotation, Z : number of grooves) . By making use
of this grooved guide wheel with a=2.7 , the vibration and
noise levels of the running wheels were measured.
The vibration and noise levels increase with f , andz
have large peaks of 20 to 30 dB at f =f . At f =f /2,
z ms z ms
the levels also have peaks, but they are much smaller than
those at f =f . Only the spoke wheel has small peaks when
z ms
f coincides with the natural frequency of the in-planez
vibration.
In order to compare the vibration and noise levels of
the spoke wheel and the web wheel, the peak levels of the
lower order modes, f = 2450 Hz, and f =6250 Hz which are
dominant in the sound radiation at curves, are shown in
Table 7-3. As seen in this Table, the vibration of the
spoke wheel is smaller than that of the web wheel by 2 to 3
dB. Also, the noise of the spoke wheel is smaller than
that of the web wheel by several dB.
7.4 Conclusions
In this chapter, the transverse vibration of the spoke
wheel has been analyzed theoretically. Also, using a small
model wheel, experimental observations were carried out.
The results can be summarized as follows.
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i ) The vibration of the wheel can be theoretically ana-
lyzed by assuming the spokes to be springs which sup-
port the rim.
iL) When the wheel contacts with the guide wheel, the guide
wheel may be assumed to be a spring in the theoretical
analysis. The vibration has two types of mode, S'-type
and A'-type modes. Both appear in the non-running
experiment, but the S'-type mode is dominant in the
running experiment.
iii) The noise radiated from the spoke wheel is smaller than
that from the conventional web wheel by several dB,
because the spoke wheel has smaller area of sound
radiation.
REFERENCE
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Fig. 7-10 Vibration spectrum of the spoke wheel which
contact with the guide wheel; contact point is
equidistant from the adjacent spoke diameters.
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Fig. 7-11 Vibration spectrum of the rolling spoke wheel.
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Fig. 7-12 Noise spectrum of the rolling spoke wheel.
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/
Fig. 7-13 Grooved guide wheel.
Table 7-1 Theoretical natural fre-
quencies of the rim.
m 2 3 4 5
2273 6190 11180 16951
Table 7-2 Theoretical natural frequencies of the spoke
whpel.
m 0 1 2 3 4-S 4-A 5
f (Hz) 1548 1367 2610 6334 11260 11280 17024
Table 7-3 Vibration and noise
levels of the rolling spoke










CHAPTER 8 VIBRATION OF A DAMPED WHEEL AND ITS NOISE
REDUCTION
8.1 Introduction
There are the spoke wheels, resilient wheels, and
damped wheels, which generate less noise than the conven-
tional web wheel. The spoke wheel, mentioned in the pre-
vious chapter, is expected to reduce the noise consi-
derably. The resilient wheel, whose rim and hub are
connected by a damping material, can also reduce the
12 3)noise ' ' . However, it is difficult to use the resilient
wheel in practice due to its structural strength and cost.
The damped wheel is composed of a main wheel and a vibra-
tion absorber attached to the side of the main wheel. This
4 5)has been experimentally studied by several researchers ' ,
but there has been no theoretical study so far-
In this chapter, the damped wheel is investigated theo-
6)
retically and experimentally . The absorber is composed
of a thin annular steel plate and a damping material (ru-
bber) which are attached to the web. When the damped wheel
flexurally vibrates in the axial direction, there exist
shear forces among the main wheel, the rubber, and the
plate, and damping of the rubber works not only in the z
direction but also in the r and 9 direction. However, in
order to simplify the mathematical procedure of the theo-
retical analysis, the force is assumed to act only in the z
direction, and the rubber's mass is neglected. On these
assumptions, the transverse vibration of the damped wheel
is analyzed.
Several models of a damDed wheel are constructed, and
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the characteristics of their vibration and noise are inves-
tigated experimentally. Especially, the relations between
the vibration and the noise reductions and the structure of
the absorber are investigated.
8.2 Theoretical Analysis
In this chapter, the loss factor is introduced to
discuss quantitatively the vibration of various damped
wheels shown in Fig. 8-1. In the beginning, the vibration
of the main wheel is analyzed. Let the complex Young's
modulus E* and the shear modulus G* be given as,
E*=E(l+iC), G*=G(l+U),
where T, is loss factor. Then,
(8-1)
the moments and the shear
forces in the Mindlin plate'' are given by

















































The deflection w and others are assumed to be given in the
series of their eigenfunctions w and others as,
w=£C w eia)＼ i|< =£c * eia)t, etc. .
ma ma ma r* ma ma r≪ma (8-4)
Substituting these into Eq. (8-3), and by the similar pro-













We can also have the following equation for the plate








where, suffix ' represents the plate.
The external forces P and P' are the reacting forces
by the rubber, so they are shown as,
P=-P'=k*(W-w)=k*( EC w' -EC w )
nt nt nt ms ms ms '
(8-7)
where k*=k(l+in), k:spring constant of the rubber, and r＼:
loss factor of the rubber. Since the integration area of
Eqs. (8-5) and (8-6) is the surface of the plate, substitu-
tion of Eq. (8-7) into these equations gives
2 2 2t
r2
(to* -a) )C =k*/_ / (EC w1 -?.C..w..)w rdrdS, (8-8)
ms ms 0 r pg pg pg ij ij ij' ms
? 2 2TT
r?
(a)'* . -co )C =k*/ /r (Z.C. .w. .-E C W )W rdrd6. (8-9)
nt nt o rl !J ^-J !J Pg PS PS nt
The eigenfunctions are given in the form as
w (r,6)=W (r)cosme.
ms ms
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w*
nt
2-o)2)c =k*n (sc .;





where IIm=/0 cos m6de={1T (mBl)#
Let I (i,j)=n / W .W .rdr,



























































The complex natural frequency co=fi+igis obtained by solving
the above set of equations.
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Now, we consider the displacement under the external
force P_e which acts on the rim (r ,60). In the follow-
ing equations, the time term e will be omitted. The
pxternal force is eiven bv
P=k*(w-w)+P <S(r-rQ)6{r(e-e
In this case, Eq. (8-11) becomes
)}
-a) )C = k*II (EC /
2W










The equation for the plate under the external force is the
same as Eq. (8-12), except u)is replaced by ft. These two





^o^o*' V^o-V'"- '°' 0> ･･' }T'
(8-20)
From this simultaneous equation, the coefficients C and
ms
C , are determined. Substituting these coefficients into
nt
Eq. (8-4), the deflections w and w' under the external
force are obtained.
8.3 Results of Numerical Calculations
The numerical caluculation for the damped wheel shown
in Fig. 8-1 was carried out with r,=3.0xl0~ and P =9.8N.
Table 8―1 shows the dominant natural frequencies f of thems
main wheel. The natural frequencies of the damped wheel
depend slightly on the structural shape of the absorber,
i.e. thickness of the rubber h , thickness of the plate h ,
r P
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inner and outer radii of the absorber r and r









is in the vicinity of f , the natural frequency of thems
damped wheel is divided into two.
Figure 8-2 shows the relation between the acceleration
levels of each mode and f , in which the loss factor ofpr
the rubber 1=0.5, r =31.0 mm, and r =61.0 mm. In this
figure, 0 dB represents the acceleration of the wheel
without the absorber, and the symbols A, B, C, D, E, F
indicate the modes shown in Table 8-1.
Here, we compare the vibration amplitudes and the
phases of the main wheel and the plate. When f =f , thepr ms
plate has larger vibration than the main wheel. In the
other region, the main wheel has larger vibration. Concern-
ing the phase, at f <f , both have the same phases, atpr ms
f = f , the phase lag begins to appear and it increases
pr ms
with f . This tendency depends on the loss factor n .
When r＼increases, the phase lag curve has a gentle slope.
When n increases, the vibration is reduced. One ex-
ample of the relation between the acceleration level and
is shown in Fig. 8-3, in which E =4.9x10 N/m , r =31.0 mm,r 1
r =61.0 mm, h =4.0 mm, and h =5.0 mm. In this case,
2. p r
f =8900 Hz. The mode whose natural frequency is near f
pr M J pr
remarkably decreases in the acceleration level.
8.4 Experimental Results and Discussions
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Table 8-2 shows the shapes of the plate and the rubber
which are used in the experiment. The experiment has two
steps, non-running and running experiments. In the non-run-
ning experiment, the rim is sinusoidally excited by a
electromagnetic exciter. Since the exciter contacts with
wheel, the frequency spectrum slightly differs from that of
the wheel alone. For example, a peak at 3000 Hz appears
only in the coupled vibration of the wheel and the exci-
ter- Since the D, E, and F modes are dominant in the
radiated noise, mainly these modes are discussed here.
8.4.1 Non-running experiment
The acceleration level of a wheel only with the rubber
is shown in Fig. 8-4. In this experiment, natural and
nitrile rubbers are used, and the wheel of this type is
named as a rubber coated wheel. In this figure and the
following figures, the ordinate is set as lg=OdB, and W
ST
represents the wheel without the absorber- Figure 8-5
shows the acceleration levels of the wheel with the ab-
sorber (PA, RA) .
As shown in Fig. 8-4, the vibration of the rubber
coated wheel is slightly smaller than that of the standard
web wheel. However, the wheel with the absorber has
smaller vibration especially at the high order modes as
shown in Fig. 8-5. In Fig. 8-5, we can see that the
nitrile rubber has larger damping effect than the natural
rubber, except in the case of the D mode. This is explain-
ed by the loss factor of the nitrile rubber being greater
than that of the natural rubber- This corresponds to the
theoretical prediction, shown in Fig. 8-3, that the vibra-
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tion decreases with the loss factor. At the D mode, f ofpr
the natural rubber is in the vicinity of f , and its vibra-
tion remarkably decreases.
Figure 8-6 shows the difference in the acceleration
between the absorbers (PA, RA) and (PA,RB) to investigate
the effect of the natural rubber's thickness. The wheel
with rubber RA (5 mm thickness) has smaller vibration than
the wheel with RB (2 mm thickness) in the low order modes,
and it is opposite in the high order modes. Because f of
the wheel with RA is in the low frequency region, and fpr
of the wheel with PB is in the higher frequency region.
Regarding the nitrile rubber, the same experiment is
carried out. The results show that the vibration decreases
with the rubber's thickness, but f does not have so clearpr
effect as the natural rubber.
From the above experiments, we find that the nitrile
rubber is more effective for the vibration reduction than
the natural rubber- Therefore, in the following experi-
ment, only the nitrile rubber is used.
We investigate the effects of the inner and the outer
radii of the absorber. Three kinds of the damped wheel are
built, W (PA, RA) whose absorber is attached to the whole
area of the web, W (PC, RC) whose absorber is attached to
the outer half area of the web, and W (PD, RD) whose
absorber is attached to the inner half area of the web.
Figure 8―7 shows the experimental results of these wheels.
As shown in this figure, W and W have smaller vibration
than W , especially at the high order modes.
Table 8-3 shows the theoretically calculated vibra-
tional levels of these three wheels. This corresponds to
the experimental results. From this we can conclude that
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the absorber should be located as much outside of the web
as possible.
The vibration amplitudes and the phases of the main
wheel and the plate of three damped wheels W (PA, RA) , W
(PB, RA) , and W& (PB.RB) are investigated. In general, the
main wheels have larger vibration than the plates. How-
ever, the plate has; larger vibration at 7000 - 8500 Hz for
W , 8000 - 10000 Hz for W , and 8000 - 14000 Hz for W .
The main wheel and the plate have the same phase angle in
the low frequency range. For W and W , the phase lags
begin to appear at about 10000 Hz, and they increase with
the frequency. The phase lag of W is slightly larger than
that of W_ . However, W._ does not have the phase lag in the
1 5
measuring frequency range (0-20 kHz).
Regarding the theoretical prediction, the plate has
larger vibration than the main wheel only at around f
Also, the phase lags begin to appear at f ･ When E^ is
supposed to be 4.9xlO8 N/m2, f r's of Vi^, W^ and W5 are
8900, 12600, and 20000 Hz, respectively. This theoretical
prediction considerably agrees with the experimental re-
Sili+-.R.
8.4.2 Rolling experiment
The amplitude of the rolling vibration strongly de-
pends on the corrugation and the roughness of the contact
surface of the wheels. Since the corrugation and the
roughness increase with operating time, it is difficult to
keep the surface conditions constant. In this experiment,
the grooved wheel is used in order to compare the vibration
amplitudes of various wheels.
QQ
Figures 8-8 and 8-9 show the vibrational accelaration
and the noise, respectively. Comparing W and W in Fig.
8-8, the absorber reduces the vibration by about 20 dB at
the D, E, and F modes, and the total level is decreased by
16.5 dB. The theoretical prediction of the vibration reduc-
tion shown in Fig. 8-2 is 8 dB at the D mode, 13 dB at the
E mode, and 8 dB at the F mode. These values are smaller
than the experimental results, but decreasing tendencies
correspond to each other.
As shown in Fig. 8-9, the noise is considerably de-
creased at the natural modes as well as the vibration, and
the total level is decreased by 16.7 dB. Then, we can
conclude that the damped wheel has enough effect in the
noise reduction.
Concerning the damped wheel W (PB, RA) and W (PB,
RA) , the same experiments as W were carried out. The re-
sults are similar to those of W .
8.5 Conclusions
In this chapter, the vibration of the damped wheel is
theoretically analyzed under the assumption that the rubber
is a spring with viscous damping which works only in the
axial direction. To be precise, the damping in the circum-
ferential and the radial derection should be taken into
consideration. We also have to consider the frequency
dependence of the rubber's Young's modulus and loss
factor. However, in order to have the outline of the vibra-
tion and the noise abatements, the theoretical analysis
mentioned in this chapter is useful. In this study, the
absorber is attached on one side of the web. However, it
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is possible to attach the absorbers on both sides. In this
case, we can expect further abatement.
The following conclusions for the effective damped
wheel are obtained.
i ) The rubber coated wheel does not reduce the vibration,
but the damped wheel composed of the main wheel, a thin
annular plate and a rubber can reduce the vibration by
about 20 dB.
ii ) The rubber should have a large loss factor.
jji) The absorber should be attached to the outer side of
the wheel.
iv) The vibration is remarkably decreased at the fundamen-
tal frequency of the absorber.
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Fig. 8-1 Damped wheel.
Fig. 8-2 Results
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Fig. 8-5 Acceleration levels















Fig. 8-6 Acceleration levels of the damped wheels












Fig. 8-7 Acceleration levels of the damped wheels





























Fig. 8-9 Noise levels of the rolling damped wheel.
Table 8-1 Natural frequencies


















RA (31,61,5) PA (31,61,4)
RB (31,61,2) PB (31,61,2)
RC (46,61,5) PC (46,61,4)
RD (31,46,5) PD (31,46,4)
Table 8-3 Theoretical acceleration levels
of the damped wheel W , W , and W .
Mode wl w2 W3
A 3.63 2.39 2.95
B 4.90 2.58 5.03
c 3.27 2.33 1.27
D 7.66 7.87 0.61
E 12.79 12.49 3.28
F 8.05 7.43 4.39
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CHAPTER 9 CONCLUSIONS
The noise and the vibration generated by railways give
a great deal of annoyance to the residents along the tracks,
and their reduction is regarded to be of prime importance.
In this work, the general concepts of the noise and vibra-
tion caused by the Shinkansen were investigated. Then, the
transverse vibration of the wheel, which is one of the main
sources of the noise, was analyzed theoretically and experi-
mentally. Furthermore, noise reduction by using the spoke
wheel and the damped wheel was investigated.
In chapter 2, the general concepts of the noise and
the vibration caused by the Shinkansen was investigated by
the measurements and questionnaires. The residents have
been suffering from the noise and the vibration. For
example, more than half of people who live very close to
the track had headaches, and the houses were reported to
have damages such as cracks in the wall and failures of the
roof. From our investigation, we can say that the areas
within 100 meters from the tracks are not suitable for
comfortable living.
In chapter 3, the transverse vibration of the web
wheel, which is commonly used in practical trains, was
analyzed theoretically by making use of the Mindlin theory.
The web wheel is simulated by a circular plate with a
stepped thickness. The effects of shear deformation and
rotatory inertia have important roles in the analysis,
because the thickness of the rim is considerably large
compared with the diameter.
In chapters 4 and 5, relations among the vibration,
the noise, the rotational speed, the load, and the contact
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angle were investigated. When the contact angle increases,
the vibration and the noise which correspond to the normal
modes of the transverse vibration increase. The vibration
and the noise increase with the rotational speed. The load
has influence on the spectra of the vibration and the
noise, but does not have influence on their total levels.
The very low order modes and the modes whose natural
frequencies are near the coincidence frequency are impor-
tant in the noise radiation, because they have large acous-
tic radiation coefficient which is defined by the ratio of
the radiated sound power and the mechanical power of the
vibrating wheel･
In chapter 6, the analytical method of the coupled
vibration of the wheel and the rail was developed. Since
the emphasis was placed on the wheel, the rail was simu-
lated by a beam with free ends, and both were assumed to be
connected by a spring. By improving the analysis of the
rail and the coupling condition, however, this analytical
method can be applied to the analysis of the practical
wheel and rail.
In chapters 7 and 8, the analytical methods of the vib-
ration of the spoke wheel and the damped wheel were deve-
loped, and their effects on the noise reduction were inves-
tigated experimentally. The spoke wheel can reduce the
noise by several dB, and the damped wheel by about 20 dB.
The noise reduction of the damped wheel depends on the
structure of the absorber, and the guides for the optimum
design were obtained. We can expect that the train noise
is reduced considerably by using the spoke wheel and the
damped wheel which can be used in practice from the view-
point of mechanical strength and cost.
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